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Abstract: An accurate finite element (FE) model of the rotor-discs system is essential on the field 

identification of dynamic coefficients for journal bearings. This paper proposes a novel model updating 

method using the measured modal parameters. In this method, system mass and stiffness matrices were 

firstly updated by the particle swarm optimization (PSO) algorithm, in which the sensitivity analysis 

was used to select the appropriate variables to be optimized. Based on the updated results, the damping 

matrix defined as an improved Rayleigh Damping was then determined according to the experimental 

modal frequencies and damping ratios. To evaluate the effectiveness of this method, the FE model of a 

dual rotor-discs system was updated. The frequencies responses predicted by the updated model 

perform a good agreement with that from measured. Moreover, to validate the reliability of the updated 

model, the identifications of the dynamic coefficients were conducted on the flexible rotor test rig 

experimentally. The results demonstrated that the updated model has higher accuracy in field 

identification of dynamic coefficients than the original model, especially the system under critical speed. 

This study provides a feasibility strategy for updating the rotor-discs system and thereby establishes a 

foundation for further parameters identification and dynamic analysis. 

Keywords: rotor-discs system; model updating; Particle Swarm Optimization; dynamic coefficients; 

identification.   

1. Introduction   

Nowadays, journal bearings have been widely used in rotating machinery due to superior durability 

and load-carrying capacities [1-3], such as wind turbines, transmissions and compressors. The dynamic 

coefficients of journal bearings directly affect the stability performance and unbalance responses of the 

whole rotor system, including the four stiffness coefficients and four damping coefficients. To acquire 

these coefficients online, the field identification techniques are commonly adopted based on the FE 

model of the rotor-bearing system [4, 5, 6]. In the identification process, one of the significant 

challenges is to develop a rotor-discs FE model as precisely as possible since an inaccurate model would 

inevitably cause some errors in the prediction of system dynamic performances. However, the 

complicated structure might usually cause difficulties in the development of the FE model. Therefore, 

it is essential to update the FE model of the rotor-discs before further investigations, such as dynamic 

analysis, parameters identification.  



According to the published references, the model updating methods can be classified into two 

categories, namely direct method and iterative method [7, 8]. The direct method updates the system 

matrices based on the kinetic equations and orthogonal formulas of a structural model to reproduce the 

experimental modal data through a single-step operation. However, the resulting updated matrices 

generally lose the physical meaning of the system. In contrast, the iterative methods primarily rely on 

the sensitivity of the updating variables such that they can preserve the effectiveness of the updated 

model. The iteration method can be viewed as an optimization process, in which the objective functions 

that represent the relative discrepancy between the analytical model and practical structure are 

minimized. Thus, the iteration methods are more accurate than the direct methods. 

Model updating techniques have been developed for the rotor-discs system to predict the dynamic 

characteristics, in which the measured mode shapes and modal frequencies are often used [9, 10, 11]. 

The results show that the frequency responses predicted by the updated model match better with the 

experimental data than the original model. In some cases, the stiffness matrix of the rotor-discs system 

cannot be obtained accurately by the traditional calculation methods because the thickness of the disk 

would cause the bending stiffness increases. To solve this problem, the hybrid optimization techniques 

combined with the iteration methods have been designed to optimize the elastic modulus of the shaft. 

After updating, the optimized results are consistent with the actual situation [12, 13]. From the current 

point of view, the accuracy of the mass and stiffness matrices has been received enough attention in the 

most updating works, but the system damping, as another essential matrix, is being neglected. 

For the rotor-discs system, the damping matrix that is determined by the rotor material damping 

would significantly affect the rotor dynamics. The numerical calculation and experimental 

measurements have been attempted to obtain the real coefficients of the internal material damping. 

Since the rotary damping forces generated by internal material damping is destructive to the system 

stability [14], various kinds of damping models have been designed to carry out the stability analyses 

for linear or nonlinear rotor system [15, 16]. Besides, some scholars have found that the internal material 

damping affects the directional frequency responses for the forward and backward modes and have 

pointed that the accurate estimation of shaft material damping is beneficial to predict the dynamic 

behaviours in the rotation machinery [17, 18, 19].   

Generally, the damping property of the rotor system is more challenging to be accurately 

determined compared to the mass, gyroscopic, and stiffness properties due to its complicated 

mechanism [20]. To correct the FE model of the damped gyroscopic systems, the direct method and 

iteration method has been designed by Yuan et al., in which the stiffness and damping matrices are 

corrected by the constrained minimization theory and the minimum Frobenius norm solution [21, 22]. 

In recent years, the Inverse Eigen Sensitivity Methods (IESM), which is an iteration method using 

eigenvalue and eigenvector, has been applied to estimate the dynamic coefficients of bearings as well 

as the damping property of the shaft material. The comparison of the frequency responses and dynamic 

responses proved that the stiffness and damping of the updated model are in high accuracy [23, 24]. 



Model updating for a rotor system belongs to a multi-objective and multi-dimensional problem. 

The intensive computation and convergence problem may usually be met during the iteration process. 

To overcome this issue, the optimization methods are often adopted, such as simulated annealing 

algorithm (SA), Nelder-Mead simplex algorithm, particle swarm optimization (PSO), genetic algorithm 

(GA) and least-square optimization [25, 26, 27]. Among these methods, GA, SA and PSO algorithms, 

which are the three traditional metaheuristic algorithms, are commonly used because they can provide 

reasonably good solutions for many combinatorial problems. SA is a simulated annealing process, and 

its iteration strategy is based on the Monte-Carlo method [28, 29]. GA is developed initially based on 

some evolutionary phenomena in evolutionary biology [30]. PSO updates particles through internal 

velocity that is similar to GA but does not require crossover and mutation operations [31]. All of them 

perform well in seeking the optimised solution, but SA and GA generally cost more computation times, 

especially for the cases with the complicated objective function. On the contrary, the PSO algorithm is 

faster in convergence and more convenient in digital implementation [32, 33, 34]. 

In summary, although the model updating techniques have been studied for an extended period in 

the structural dynamics, its application in the field of rotor dynamics has not attracted enough attention, 

especially in the aspect of damping property of rotor materials damping. Furthermore, the rotor 

materials damping is the main sources for the damping matrix of the rotor-discs system. The FE model 

without accurate damping matrix would induce an error in the identification of the dynamic 

characteristics, such as bearing dynamic coefficients as well as the residual imbalance.  

In this paper, a novel model updating method for the rotor-discs system is proposed. Firstly, the 

mass and stiffness matrices are corrected by minimizing the objective function based on the PSO 

algorithm. Secondly, with the updated matrices, the damping matrix is determined using the measured 

modal parameters. In a case study, this method is used to update the FE model of a dual-discs rotor 

system. Then, the frequency responses under different cases are predicted based on the updated model 

and compared with the measured data. Finally, the field identifications of the stiffness and damping 

coefficients are conducted using the updated model on the flexible rotor test rig.  

The structure of this paper is organised as follows: Section 2 describes the dynamic equations of 

the rotor-discs system. In Section 3, the procedure of the proposed updating method is presented. 

Section 4 validates the effectiveness of this method on a dual-discs rotor system. Section 5 evaluates 

the reliability of the updated model in identifying dynamic coefficients of journal bearings.  

2. Rotor dynamic equations 

2.1 Shaft  

The shaft is discretized into several Timoshenko beam elements [35, 36]. Each element has two 

nodes. Each node has four degrees of freedom shown in Fig. 1, including two translational motions and 

two rotational motions. The motion equation of the shaft can be expressed as 
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where fne is the force vector. une represents the displacement vector. Ω denotes the rotation speed.  

and  represents the translational and rotational mass matrices, respectively. Ke, Ge and Ce represent 

the stiffness, gyroscopic and damping matrices of the shaft elements, respectively.  

     

Fig. 1. Schematic diagram of the shaft element with four degrees of freedom. 

2.2 Rigid disc 

The disc is assumed to be rigid. The related mass and mass moment of inertia matrices are added 

to the corresponding node on the shaft elements. The equation motion of rigid disc is expressed as 

 - 
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where ud and fd are the displacement and force vectors of the disc, respectively. Md and Gd denote the 

mass and gyroscopic matrices, respectively.  

2.3 System equation of motion 

Assembling Eqs. (1) and (2), yields the motion equation of the rotor-discs system as 

  ( ) ( ) ( ) ( )Mu t C G u t Ku t f t      (3) 

where M, C, G and K represent the n×n matrices of mass, damping, gyroscopic and stiffness of the 

global system, respectively, in which n is the number of the degree of freedom (DOF). f(t) represents 

the n×1 force vector.  is the n×1 displacement vector. 

3. Model updating method 

In the proposed method, the mass and stiffness matrices are determined firstly by an optimization 

process while ignoring the effect of the damping, and then the updated matrices are applied to determine 

the damping matrix with the measured modal frequencies and damping ratio. The flowchart of the 

model updating method is given in Fig. 2. 
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Fig. 2. The flowchart of the model updating method based on PSO algorithm. 

3.1 Particle Swarm Optimization  

Particle Swarm Optimization (PSO) is a meta-heuristic optimization algorithm. The iterative 

strategy of PSO algorithm is based on the swarm intelligence theory, which was firstly described by 

Kenndy and Eberhart [31]. The general idea of the algorithm is to use the solution space of the problem 

as space for the swarm to move. According to the different constraints of the specific problem, the scope 

of the solution space will also be limited. Each individual is abstracted as a particle that has no mass 

and no volume but has a velocity and position. The position of particles represents a feasible solution 

to the problem. The velocity of the particle determines the particle's flight direction and distance during 

the next iteration. 

Supposing that the particle swarm has an N size of the population in a D-dimensional target search 

space.  The ith particle position is expressed as a D-dimensional vector 𝑋i= (𝑥i1, 𝑥i2, …, 𝑥iD) (𝑖 = 1, 2, …, 

𝑁). The velocity of the ith particle can be expressed as Vi= (vi1, vi2, …, viD) (𝑖 = 1, 2, …, 𝑁). In the 

beginning, the population is initialized to a set of random solutions, which are randomly distributed 

throughout the search space. When the algorithm is executed, the state of the particle is updated by the 

following two formulas: 
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where vid represents the velocity of the i particle in the D-dimension. xid represents the velocity of the i 

particle in the D-dimension. pid is the position of the optimal solution that is sought by the ith particle, 

while the optimal solution searched by the entire swarm is expressed by pgd. ω represents the inertia 

weight. The larger ω represents the stronger ability of global searchability. The smaller ω denotes the 



local searchability is stronger. r1 and r2 are the random numbers between 0 and 1. c1 and c2 are the 

constants, which are the acceleration coefficients and affect the best searching performance directly. 

The smaller values of c1 and c2 cause that the individuals may move away from the target area before 

being pulled back. The larger value values might lead the individuals to move to the target area suddenly. 

In general, c1 and c2 are chosen between 0 to 2.  

3.2 Model updating based on PSO algorithm 

3.2.1 Updating system mass and stiffness matrices  

While updating system mass and stiffness matrices, the damping matrix of the rotor-disc system is 

ignored. Thus, the characteristic equation of an undamped rotor-discs system is rewritten in Eq. (3) 
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Under the free vibration condition, it is assumed that the system performs the harmonic motion as 

follows: 
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where ΦA denotes the mode shapes of the system. θ and ωA is the phase angle and undamped modal 

frequency, respectively. Substituting the Eqs. (7) and (8) into Eq. (6), yields the following equation (9): 
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where ΦA ≠ 0 denotes the non-trivial solution for the standard eigenvalue problem allowing for the 

calculation of the natural frequencies. Therefore, the determinant Δ of the system equation should be 

equal to zero  
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where  denotes a diagonal matrix of eigenvalues. An n-DOF system has n-natural frequencies. 

The n roots of this equation represent the natural frequencies 2 2 2 2 2
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associated with each natural frequency, can be defined by  
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Then, the updating objects that represent the difference between the FE model and measured data 

are defined as 
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where e represents the updating variables, such as elastic modulus and density of the model. εωi and εMi 

are the updating objects of the modal frequencies and mode shapes, respectively. ωAi and ωXi are ith 

theoretical and measured modal frequencies. MAC(e)ij indicates the consistency of the mode shapes 

between the theoretical and experimental outputs, namely the Modal Assurance Criterion [37], which 

is defined as follows 
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where {ΦX}j denotes experimental modal vector mode j. {ΦA}i denotes analytical modal vector mode i. 

The MAC value is between 0 and 1. The consistency of mode shapes between the measured and 

theoretical is better, the value of MAC is closer to 1. 

Combining the updating objects with the corresponding weight factors, the objective function can 

be established, as expressed as 
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where Kωi and KMi are the weight factors associated with the updating objects εωi and εMi, respectively. 

To update the mass and stiffness properties of the rotor-discs system, the objective function should 

be minimized through an optimization process. Firstly, the initial updating variables are added onto the 

model to generate the initial mass and stiffness matrices of the system. Then, using the initial matrices, 

the initial value of the objective function can be obtained by calculating the updating objects. Finally, 

the PSO algorithm is applied to minimize the objective function through an iteration process to obtain 

an optimized updating variable. The iteration process will be terminated when the maximum number of 

the iteration steps arrives. 

3.2.2 Updating the damping matrix 

An improved Rayleigh Damping [38] is defined here with the updated mass and stiffness matrices 

as given in the following 

 updated updated updatedC M K      (16) 

where Mupdated and Kupdated indicate the updated mas and stiffness matrices, respectively. α and β are the 

Rayleigh parameters and can be obtained as follows 
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where ζi denotes the experimental modal damping ratio of the ith order. Several sets of the α and β can 

be calculated based on the modal frequency ωXi and the damping ration ζi of first few orders. Then, 

using the average value of the computed Rayleigh parameters and updated matrices, the updated 

damping Cupdated are determined. 

4. Experimental verification 

The FE model of a dual-discs rotor system is updated by the proposed method in this section. 

Through the comparison of the modal parameters, the correlation analysis is firstly conducted between 



the outputs from the FE model and experiment. The updating variables are then selected correctively 

by the sensitivity analysis. To validate the accuracy of the updated model, the comparisons of frequency 

responses between prediction and measurement are conducted under different cases. The flowchart of 

the model updating for the dual-discs rotor system is given in Fig. 3. 

 

Fig. 3. The flowchart of the model updating for a dual-discs rotor system. 

4.1 Description of the dual-discs rotor system  

Fig.4 (a) shows a flexible rotor-bearing test rig, in which two same journal bearings are used to 

support a dual-discs rotor system as given in Fig.4 (b). In this system, two steel discs are fixed on the 

shaft symmetrically by the two bolts through a ferrule. Each disc has 12 equally spaced M4-threaded 

holes placed with a radius of 60 mm at 30-degree intervals. The physical properties of the rigid discs 

and shaft are given in Table 1. 

4.2 Dual-discs rotor FE model 

In Fig. 5, the FE model of the dual-discs rotor system is developed through the method described 

in section 2. The shaft is modelled by 10 Timoshenko beam elements and 11 mass nodes. The locations 

of the disc1 and disc2 are node 4 and node 8. The first-four mode shapes of the original model are 

calculated theoretically and given in Fig. 6. 

 

Fig. 4. The details of the flexible rotor system: (a) the rotor-bearing test rig, (b) the dual-discs rotor system. 



Table 1. The physical properties of the dual-discs rotor system. 

Property Value 

Rigid discs  

Inner diameter 

Outer diameter 

Thickness 

Density 

Elastic modulus 

Poisson’s ration 

Rotor  

Shaft diameter 

Mass 

Length of rotor 

Density 

Elastic modulus 

Poisson’s ration 

 

0.01265 m 

0.125 m 

0.015 m 

7850 kg/m3 

210 Gpa 

0.3 

 

0.01265 m 

0.86 kg 

0.85 m 

7850 kg/m3 

210 Gpa 

0.3 

 

Fig. 5.  The dual discs-rotor FE model. 

 

Fig. 6. Theoretical model shapes of the dual-discs rotor system: (a) mode 1, (b) mode 2, (c) mode 3, (d) mode 4. 

4.3 Modal test 

The experimental equipment is established for the modal test of the dual-discs rotor system. As 

given in Fig. 7 (a), the rotor is suspended horizontally by two elastic strings.  During the modal analysis, 

the middle of the rotor (node 6) is chosen as an input location and horizontally and vertically excited 



by the hammer when the accelerations sensors are installed on the other nodes. Since the structure of 

the discs is complex, as shown as in Fig. 7(b), four accelerations are installed on each disc to ensure the 

precision of the test results. After the test, the experimental modal parameters, including the mode 

shapes, modal frequencies and damping ratios, can be estimated from the frequencies function 

responses,  

 

(a)                                                        (b) 

Fig. 7. The details of the modal test: (a) the rotor-discs system, (b) the discs. 

4.4 Correlation between outputs from FE model and experiment  

The correlation analysis is conducted to assess the discrepancy between the predicted value and 

the experimental results. The first correlation is for the modal frequencies. The relative error of the 

modal frequencies is defined as 

  _ (%) 100%
Xi Ai
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error
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As shown in Table 2, the discrepancy of the first-order is around 9.7%, while the second-order has a 

bigger error, about 12.15%. The discrepancies in higher orders are quite small, especially for the third-

order, about 0.3%. Overall, compared with the measured data, the original dual-discs rotor FE model 

contains some inaccuracy. 

The second correlation is aimed at the mode shapes. The MAC of the first four order between the 

theoretical and the measured data are calculated and shown in Fig. 8. It can be found that of the second-

order and the fourth-order mode shapes present worse consistency with the measured data. Although 

the MAC value of the first-order and the third-order is around 0.9, it does not represent a good 

correlation in the modal frequencies simultaneously.  

4.5 Selection of the updating variables  

The selection of the updating variables as a critical component of the model updating should meet 

the requirements described in the literature [8]. Insufficient variables would cause unsatisfactory update 

modelling results, while excessive updating variables may contribute to the ill-condition problems of 

calculation. To solve this problem, the sensitivity analysis [39] of the updating variables are carried out 

to provide much facilitates effective parameterization during the model update. In some cases, the 

updating variables can be selected primarily by the physical insight for the system and then corrected 



by the sensitivity analysis. The parameters that are more sensitive to the objective function or the modal 

parameters are chosen as the updating variables.  

Table 2. Comparison of modal frequencies between measured results and initial model. 

Order Initial model Measured Error (%) 

1 69.02 62.86 9.7 

2 123.60 110.20 12.15 

3 280.26 279.14 0.3 

4 377.88 361.27 4.5 

 

Fig. 8. MAC value between measured results and the initial FE model. 

Normally, the physical properties of the shaft cannot be calculated accurately by the finite element 

analysis because the material properties of the discs and shaft are affected ineluctably by the processing 

technology. Besides, the disc has many uncertain details such as holes and ferrule, which are 

complicated and cannot be added to the FE model accurately. The stiffness between the shafts and discs 

cannot be determined directly due to the effect of the coupling. To sum up, the shaft density, shaft 

elastic modulus and discs density are preliminarily selected as the updating variables, which are 

represented by ‘dr’, ‘e’ and ‘d’, respectively.  

The sensitivity analysis of the modal frequencies and objective function for the updating 

parameters are carried out. As shown in Fig. 9, the modal frequencies and objective function are 

sensitive to the updating variables of the shaft, but not to the density of both discs. As a result, the elastic 

modulus and density of the shaft are chosen as updating variables given in Fig. 10. 

 

Fig. 9. The sensitivity analysis of the modal frequencies and objective function for the updating variables: (a) 

sensitivity of the modal frequencies, (b) sensitivity of the objective function. 



 

Fig. 10. The detail of the updating variables. 

4.6 Updating results  

Before updating the dual discs-rotor FE model, the weight factors Kωi and KMi of the error targets 

for the modal frequencies and modal shapes have been determined respectively, as shown in Table 3. 

Since the accuracy of the first-order modal frequency is the most concerned, its weight factors Kω1 is 

posted as 5. 

During the iteration process, the maximum iteration step is set as 60. In Fig. 11(a), the value of the 

objective function is reduced from 977.5681 to 7.2414 within 20 steps. The changes in the updating 

variables are given in Fig. 11(b) and (c), in which all of the updating variables represent the significant 

fluctuations at the beginning, but tend to be the stable value after 20 iteration steps. The elastic modulus 

e2 are increased owing to the coupling effect between the shaft and discs. At the same time, since the 

modal frequencies of the original model are larger than the experimental data, the elastic modulus e1 

and e3 are smaller than before while the mass of the rotor has an increase. From the results, it can be 

believed that the values of the updating variables preserve the physical meaning and consistent with the 

actual circumstances.  

Table 3. The value of weight factors for updating objects. 

Weight factor Value 

Kω1 5 

Kω2 3 

Kω3 2 

Kω4 1 

KM1: KM4 2 

 

Fig. 11.  The updating process of the dual discs-rotor FE model (a) the changes in the objective function, (b) the 

changes in elastic modulus, (c) the changes in the density.  

After the iteration, based on the updated mass and stiffness properties, the experimental modal 

frequencies and damping ration of the first four orders are used to determine the damping matrix through 



Eq. (16). The Rayleigh parameters α and β are calculated by Eq. (17). The experimental damping ratio 

and Rayleigh parameters are given in Table 4.  

The modal frequencies calculated based on the updated model are given in Table 5. It can be seen 

that the discrepancy of the first-mode modal frequency between the updated model and measurement 

is decreased obviously from 9.7 % to 0.11%. The modal frequencies of the higher-order are much closer 

to the experimental data than before. The second-order of modal frequency is reduced from 12.15% to 

0.018%. 

The MAC value of the first four orders between the updated model and experimental data is given 

in Fig. 12. Compared with Fig. 8, it can be found that MAC values have a substantial improvement after 

updating especially for the first two orders, in which the MAC values have been increased from 0.9155 

to 0.9501 and 0.8589 to 0.9133, respectively. 

Table 4. The value of the experimental damping ratios and Rayleigh parameters. 

Property 

 

Experimental damping ratio Rayleigh parameters 

ζ1 ζ2 ζ3 ζ4 α β 

Value 0.57% 0.63% 0.86% 0.83% 1.0412 4.9*10-5 

Table 5. Comparison of modal frequencies between measured results and updated model. 

Order Updated model Measured Error (%) 

1 62.79 62.86 -0.11 

2 110.29 110.20 0.081 

3 279.18 279.14 0.014 

4 357.00 361.27 1.18 

 

Fig. 12. MAC value between measured results and the updated FE model. 

4.7 Comparison of the frequency responses 

In this section, the comparisons of the frequency responses between the predicted results and 

measured data are carried out, in which the system is excited on node 6 while being measured at node 

3 and 8, respectively. To avoid the errors, the locations of the excited and measured nodes are the same 

as in the numerical calculations. Fig. 13 represents the frequency responses predicted based on the 

original FE model. It can be found that the modal frequencies at four peaks are larger than those from 



measured especially for the second-order, which represents that the initial model has bigger stiffness or 

smaller mass matrix than the practical structure. Besides, the amplitude of the frequency responses at 

every peak is higher than the experimental data, which proves that the actual damping matrix is smaller 

than the predicted by the initial model.  

Meanwhile, the frequency responses predicted based on the updated model are given in Fig. 14. 

The results represent a much better agreement with the experimental data, especially for the first order. 

In addition, the amplitudes of frequency responses predicted based on the updated model are match 

better with the measured data than the initial model, which proves that the damping property of the 

system is updated accurately. Since the dynamic analyses are mainly studies before the first-two modal 

frequencies, it can be believed that the updated model is reliable and beneficial for further 

investigations. 

 

Fig. 13. Comparison of the frequency responses before updating: (a) excited the system on node 6, measure the 

system on node 3, (b) excite the system on node 6, measure the system on node 8. 

 



Fig. 14. Comparison of the frequency responses after updating: (a) excite the system on node 6, measure the 

system on node 3, (b) excite the system on node 6, measure the system on node 8. 

5. Updated model used for the dynamic coefficients’ identification    

In this section, to evaluate the effectiveness of the updated model in identifying the dynamic 

coefficients of journal bearings, some experimental identifications are carried out on the flexible rotor 

test rig. Additionally, the effect of the FE model accuracy on the estimation of the dynamic coefficients 

is discussed. 

As shown in Fig. 15, the shaft displacements near the bearing locations are measured utilizing two 

laser displacement sensors (SICK, OD2-P50W10I0), which are installed in the horizontal and vertical 

directions. The measuring range of these sensors is 40mm to 60mm, and the frequency response range 

is from 1Hz to approximate 2kHz. The imbalance masses, as given in Table 6, are added to the disc1 

and disc 2 to generate the imbalance force. The amplitudes of the displacements during the rotation 

speeds from 600 to 3600 rpm are presented in Fig. 16, which travers the first-order critical speed from 

1500 to 1800. Using the measured unbalance responses, the dynamic coefficients of both journal 

bearings are identified by the conventional experimental method, and the results are given in the 

following. 

 

Fig. 15. The details of the laser displacement sensors with the responses time of 1 ms. 

Table 6. The parameters of the added imbalance mass. 

Location Component Amplitude / (g.mm) Phase/ (degree) 

Node 4 Disk 1 126 0 

Node 8 Disk 2 252 45 

 

Fig. 16. The amplitude of the displacements on the bearing 2 location. 



The identified dynamic coefficients of two journal bearings are similar because the types of 

bearings are the same. At the range of rotation speeds, the stiffness and damping coefficients of the 

bearing 2 are identified and shown in Fig. 17 and 18, respectively. As given in Fig. 17, the stiffness 

coefficients have slight fluctuations before 1000 rpm because the system affected by the residual 

imbalance cannot be completely stable. As the rotation speeds increasing, the direct stiffness 

coefficients Kxx has small fluctuations around 4*104 N/m, while direct stiffness coefficients Kyy have a 

significant decrease. Simultaneously, the cross-coupled stiffness coefficients Kyx are negative and 

maintain grow up at the range of from 600 to 2300 rpm, and then it drops out gradually from 2400 to 

3600 rpm. The cross-coupled stiffness coefficients Kxy have a significant rise over the speed range 

considered. Additionally, in Fig. 18, the damping coefficients Cxx remains almost constant. The damping 

coefficients Cyy has some decreases during rotation speeds from 600 to 3600 rpm. The cross-coupled 

damping coefficients Cxy and Cyx are near to zero, except the system under the critical speed. 

During the period of the first-order critical speed, the dynamic coefficients identified based on the 

updated model have some significant changes due to the resonance. In contrast, the dynamic coefficients 

estimated based on the initial model have the fluctuations at speed from 2800 to 3000 rpm, which are 

deviated with the actual first-order critical speed because the first-order modal frequency of the original 

model is higher than the experimental data. Moreover, from the changes of the displacements given in 

Fig. 16, it can be found that the rotation speed is higher, and the system is more stable. As a result, the 

damping coefficients identified based on the updated model tend to steady after the resonance, which 

agrees well with the actual operating conditions, but the coefficients determined from the initial model 

still has the significant changes. From the comparisons, it can be believed that the updated model can 

contribute the much accuracy to the identification of the bearing coefficients during the resonance and 

high rotation speeds. 

 



Fig. 17. Identification of stiffness coefficients based on the initial model and updated model, respectively: (a) 

stiffness coefficient Kxx, (b) stiffness coefficient Kxy, (c) stiffness coefficients Kyx, (d) stiffness coefficients Kyy. 

 

Fig. 18. Identification of damping coefficients based on the initial model and updated model, respectively: (a) 

damping coefficient Cxx, (b) damping coefficient Cxy, (c) damping coefficients Cyx, (d) damping coefficients Cyy. 

6. Conclusions  

To update the FE model of the rotor-discs system comprehensively, this paper proposes a novel 

model updating methods. The procedure of the proposed method mainly consists of two steps. First, the 

mass and stiffness matrices are corrected with the experimental modal parameters, and then the damping 

matrix is determined with the updated matrices and experimental damping ratio. To verify the 

effectiveness of this method, a case study is carried out on a dual-discs rotor system, in which the density 

and elastic modulus of the shaft are chosen as the updating variables by the sensitivity analysis. From 

the predicted frequency responses based on the updated model, it is demonstrated that the mass, stiffness, 

and the damping matrices of the rotor-discs system, can be accurately determined. Meanwhile, it also 

proves that the damping property directly affects the amplitude of the frequency response. Furthermore, 

through the evaluation of the reliability of the updated model, it can be confirmed that the updated 

model performs high confidence in identifying the stiffness and damping coefficients, even if the system 

is running at the critical speeds.  

To sum up, this experimental study provides an effective model updating method for the rotor-

discs system. Thus, it is beneficial for the further estimation of the crucial parameters and dynamic 

analysis of the rotating machinery.  
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